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Abstract

This paper presents a numerical analysis of heat transfer in an experimental inner pressurized mechanical face seal, using CFD. The configura-
tion is similar to the laminar flow between a static and a rotating disc bounded by a co-rotating sidewall. A series of simulations allow the authors
to propose a correlation for the global Nusselt number for the rotating ring and the static disc. The Nusselt number is a function of the Reynolds
number of the flow and the Prandtl number, as well as of the ratio of the fluid and material thermal conductivities. This last conclusion arises from
the fact that the heat source is located in the contact between the rotor and the stator and depends on the temperature distribution in the solids. The
cooling oil flow appears not to affect the Nusselt number. The numerical results were validated by comparison with measurements carried out on
the experimental seal by means of an infrared camera.
© 2008 Elsevier Masson SAS. All rights reserved.
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1. Introduction

Mechanical face seals are used to seal pressurized fluids in
rotating machines such as pumps, compressors and agitators,
where pressure, temperature and velocity conditions prevent the
use of elastomeric seals. These seals are basically composed of
a rotating part mounted on to the shaft and a stationary part
fixed to the housing. The two parts are maintained in contact
by the action of springs and of the pressurized fluid (Fig. 1).
Good operating conditions are achieved when the seal faces are
partially separated by a thin lubricating fluid film (a fraction of
micrometer), avoiding wear on the faces while limiting leakage
rate to an acceptable value.

According to Lebeck [1], the behaviour and performance of
a mechanical face seal are influenced as much by the thermal
behaviour of the seal as by any other factor. Indeed, the dis-
sipated power due to viscous friction and asperities contacts
in the sealing interface leads to a significant increase in tem-
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Fig. 1. Example of mechanical face seal.

perature in the fluid film and in the contiguous solids [2,3].
Consequently, the lubrication conditions are modified because
of fluid viscosity variation, thermal distortions of the seal rings
and possible phase change. A possible effect of these variations
is a drastic increase in leakage rate or seal failure. This is why
there have been many studies dealing with thermal effects in
recent decades. A brief review is presented in [4]. The main
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Nomenclature

Cp fluid specific heat . . . . . . . . . . . . . . . . . J kg−1 ◦C−1

Cw = ṁ
μR

dimensionless mass flow rate (cooling flow)

Cwc = ṁc

μR
dimensionless mass flow rate (centrifugally in-

duced flow)
G = H

R
gap ratio

H axial clearance . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m
k fluid thermal conductivity . . . . . . . . . W m−1 ◦C−1

kr, ks rotor and stator thermal conductivity W m−1 ◦C−1

ṁ mass flow rate of the cooling flow . . . . . . . . kg s−1

ṁc mass flow rate induced by the centrifugal
effect . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . kg s−1

Nu = qr
�T k

local Nusselt number

Nuav = qavR
�Tavk

global Nusselt number

q parietal heat flux . . . . . . . . . . . . . . . . . . . . . . . W m−2

P dissipated power in the sealing dam . . . . . . . . . . W
Pr = μCp

k
Prandtl number

r radial coordinate . . . . . . . . . . . . . . . . . . . . . . . . . . . m
R inner radius of the rotating ring . . . . . . . . . . . . . . m

Re = ρωR2

μ
Reynolds number

Rer = ρωr2

μ
local Reynolds number

Ri inner radius of the stationary disk . . . . . . . . . . . . m
Ro outer radius of the rotating ring . . . . . . . . . . . . . . m
T temperature . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . ◦C
Tinlet temperature of the oil entering the seal

chamber . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . ◦C
U = u

ωr
, V = v

ωr
dimensionless radial and circumferential

fluid velocity
z axial coordinate . . . . . . . . . . . . . . . . . . . . . . . . . . . . m

Greek symbols

δm, δt thickness of the momentum and thermal boundary
layers . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . m

�T = T − Tinlet temperature increase from the inlet fluid
temperature . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . . ◦C

μ fluid viscosity . . . . . . . . . . . . . . . . . . . . . . . . . . . . Pa s
ρ fluid density . . . . . . . . . . . . . . . . . . . . . . . . . . kg m−3

ω angular velocity . . . . . . . . . . . . . . . . . . . . . . . rad s−1

Subscripts

av area weighted average
r rotor
s stator
objective of these papers was to measure or determine by a the-
oretical approach the temperature of the seal faces.

In his book, Lebeck [1] made a comprehensive description
of heat transfer in mechanical face seals, presented here in
Fig. 1. The heat transfer mechanisms are quite complicated
since the seal is surrounded by a complex environment. Be-
cause of this feature of the environment, the heat transfer paths
are multiple, leading to heat flow computation complications.
Nevertheless, the major part of the heat generated in the seal
is generally transferred by convection to the sealed fluid in the
neighbourhood of the contact. This assumption was confirmed
by the simplified analysis of Buck [5] and the numerical study
of Brunetiere et al. [6]. This showed that, for a typical config-
uration, the thermally influenced zone has a length of approx-
imately twice the contact width (i.e. the difference in contact
radii) on either side of the sealing interface. Convection around
the seal rings is thus of importance in the thermal behaviour of
the seal.

At the beginning of the 90’s, several authors suggested em-
ploying an empirical correlation of the Nusselt number obtained
in configurations as similar as possible to mechanical faces
seals. Nau [7] considered that the flow in the seal chamber is
a Couette Taylor flow. He proposed the use of the formulas ob-
tained by Tachibana et al. [8] and Gazley [9] in the study of heat
transfer in an annulus between an inner rotating cylinder and an
outer stationary one. A complete review of heat transfer in this
type of flow can be found in [10]. On the other hand, Lebeck [1]
suggested that the more useful correlation was that of Becker
[11], deriving from experiments on a small diameter cylinder
rotating in a tank of water. But the range of validity of Becker’s
formula is too small when compared to Reynolds numbers ob-
served during mechanical face seal operation [1]. Moreover, a
mechanical face seal also comprises a static ring for which pre-
vious correlations seem to be inapplicable. In 1991, Doane et al.
[12] were probably the first authors to carry out Nusselt num-
ber measurements on a mechanical face seal. They presented
results for the stationary part of the seal, showing a great depen-
dence on the Reynolds number. A few years later, Phillips et al.
[13] made similar experiments on the static ring of a mechanical
seal. The measured Nusselt numbers exhibited trends close to
those obtained with the Gazley [9] and Becker [11] correlations,
thus validating the suggestions of Nau [7] and Lebeck [1]. Two
years later the same authors [14] presented numerical simula-
tions of heat transfer and fluid flow around their experimental
device. This approach, showing good agreement with the ex-
periments, allowed the authors to obtain more information on
the local Nusselt number profile along the wetted surfaces. At
the same time, Lebeck, Nygren, Shirazi and Soulisa presented
both experimental [15] and numerical results [16] relating to
heat transfer in a mechanical seal and its surrounding cham-
ber. They emphasized the good agreement between the Nusselt
number on the rotating ring and Becker’s formula [11]. All the
quoted studies deal with turbulent flow. When the sealed fluid
is a high viscosity mineral oil, the flow in the seal chamber can
be laminar, as was shown by Luan and Khonsari [17]. In their
numerical study, Luan and Khonsari only analyze the fluid flow
and, more particularly, the interaction between the axial cool-
ing flow and the circumferential Taylor Couette flow induced
by the angular motion of the seal.
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In all the studies dealing with heat transfer around a mechan-
ical face seal, no author set out to develop a Nusselt number
correlation. Moreover, the authors were comparing their find-
ings with empirical formulas obtained in flow involving a uni-
formly heated rotating cylinder. There is a significant difference
here from mechanical face seals, where the heat source is lo-
cated in the sealing interface. Thus the Nusselt number also
depends on the temperature distribution in the seal rings, this
being a function of the material properties. In addition, no stud-
ies were carried out on inner-pressurized mechanical face seals,
a less widespread technology where the sealed fluid is located
between the rotating shaft and the seal rings. The aim of the
present work is to analyze numerically and, to a lesser extent,
experimentally a mechanical face seal. This experimental seal
was essentially designed to validate numerical models of the
contact behaviour through infrared temperature measurements
[3,4] and is thus quite different from industrial mechanical face
seals. More particularly, the seal is inner-pressurized and op-
erates with a highly viscous mineral oil resulting in laminar
flow. Moreover, the shaft does not pass trough the seal chamber
leading to a rotor-stator like flow that is also of interest [18]. Nu-
merical simulations allow the authors to propose a correlation
for the Nusselt numbers on the rotating and stationary parts of
the seal that are function of the Reynolds number of the flow, the
Prandtl number, the ratio of the fluid and the material thermal
conductivity. The influence of geometrical parameters has not
been analyzed. The numerical and experimental temperature
distribution and Nusselt number are in reasonable agreement.

2. Geometrical and operating configuration

2.1. Experimental device

The experimental mechanical face seal is presented in Fig. 2.
The carbon rotor is fixed on the shaft by means of a support and
a cone expander. The stator, made of a fluorspar disc (CaF2), is
fixed on an annular piston which ensures three degrees of free-
dom with respect to the frame. This enables a dynamic tracking
of any rotor misalignment. The stator is pressed against the ro-
tor by pressurized air acting on the top surface of the annular
piston. The thermal properties of the materials of the seal com-
ponents are given in Table 1. Hydraulic equipment provides oil
at controlled pressure and temperature. The oil is a mineral ISO
VG 46. Its characteristics are presented in Table 2. The typical
operating conditions and the main dimensions of the mechani-
cal face seal are detailed in Table 3.

2.2. Physical background

The oil flow in the mechanical face seal is similar to the
flow between a static and a rotating disk with a co-rotating
shroud. Owen and Rogers [18] suggested employing the fol-
lowing Reynolds number to characterize the flow regime:

Re = ρωR2

(1)

μ

Fig. 2. Experimental device.

Table 1
Material thermal characteristics and assignment

Thermal
conductivity k

(W/m ◦C)

Element

Carbon 15 Rotor

Stainless steel 46 Shaft, piston,
supports,
expander

Calcium fluoride 9.7 Stator
Elastomer 0.4 seals

Table 2
Fluid properties

Density ρ (kg/m3) 850
Specific heat Cp (J/kg ◦C) 2000
Thermal conductivity k (W/m ◦C) 0.14
Dynamic viscosity μ (Pa s) 0.055 at 35◦C

Table 3
Operating conditions and principal dimensions

Angular velocity ω (rpm) 300–1500
Fluid pressure (Pa) 50 000
Inlet fluid temperature (◦C) 35
Mass flow rate ṁ (kg/s) 0.003–0.015
Inner radius of the rotor R (m) 0.0345
Outer radius of the rotor Ro (m) 0.0385
Inner radius of the disk Ri (m) 0.022
Axial clearance H (m) 0.0122
Disk thickness E (m) 0.01

There is a superposed flow due to the oil circulation whose mass
flow rate is ṁ. We can introduce the non-dimensional flow rate
proposed by Owen and Rogers:

Cw = ṁ

μR
(2)

The flow is also a function of a geometric parameter, this being
the gap ratio:
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Table 4
Range variation of the dimensionless numbers

Reynolds number Re 600–8000
Dimensionless mass flow Cw 1.5–80
Gap ration G 0.353
Prandtl number 330–1330
Rotor conductivity ratio k/kr 0.0047–0.037
Stator conductivity ratio k/ks 0.0072–0.057

G = H

R
(3)

In the simulations presented here, the geometrical configura-
tion remains constant with the axial clearance H = 12.2 mm,
R = 34.5 mm leading to G = 0.353 and the Reynolds is var-
ied from about 600 to 8000 (see Table 4). In 1960, Daily and
Neece [19] analyzed experimentally an enclosed rotating disc.
They observed four different regimes varying with the value of
the gap ratio G and the Reynolds number Re. According to their
regime chart, the present seal operates in regime II, that is to say
a laminar flow with two separated boundary layers, one on each
disc

The secondary cooling flow provides a circulation of oil
from the rotating part to the stationary part. This is similar to
the flow induced by the centrifugal effect. The non-dimensional
flow rate is varied from 1.5 to 80.

The heat transfer in the fluid is a function of the flow char-
acteristics and thus depends on the Reynolds number, the flow
rate and the gap ratio. However, there is a difference in thermal
behaviour and mechanical behaviour that is quantified by the
Prandtl number:

Pr = μCp

k
(4)

This number more particularly controls the ratio of the thick-
ness of the momentum boundary layer δm to that of the thermal
boundary layer δt. According to Schlichting [20]:

δm

δt
= √

Pr (5)

In the present case the Prandtl number of the oil is varied from
330 to 1330, leading to a ratio value for the thicknesses of the
boundary layers of 18 to 36.

In most cases described in the Owen and Rogers book [18],
there is an analogy between the mechanical problem and the
thermal problem because there is a uniform heat source on
the rotating disc that is also obviously a uniform momentum
source. In the present case, the heat source is located in the
sealing interface. Thus the Nusselt number also depends on the
temperature distribution in the seal rings, this being a function
of the material properties. It is necessary to introduce another
dimensionless parameter:

k

kr
or

k

ks
(6)

that is, the ratio of the fluid conductivity k to the conductivity
of the solid under consideration (ks for the stator and kr for the
rotor).

The variation range of the dimensionless numbers are given
in Table 4.
Fig. 3. Numerical model.

3. Numerical model

The simulations were performed by means of the compu-
tational fluid dynamic code (CFD) Fluent. The problem is as-
sumed to be axisymmetric. The mesh and the boundary condi-
tions used in the numerical analysis are presented in Fig. 3.

The two-dimensional axisymmetric Navier–Stokes equa-
tions, incorporating the circumferential velocity term and con-
tinuity equation are solved in the fluid domain. Moreover a tan-
gential momentum equation is also considered for the swirling
component of the velocity. As previously said, the fluid flow is
laminar. Since the pressure value is not of interest in our study,
an inlet mass flow condition is applied at the oil inlet section.
It provides a uniform fluid velocity distribution along the in-
let section, its magnitude being calculated with respect to the
specified mass flow. An outflow condition is used for the out-
let section. This condition leads to a zero diffusion flux for all
flow variables and ensures an overall mass balance. The zero
diffusion flux is physically reached when the flow is fully de-
veloped, that is a reasonable assumption when considering the
length of the outlet annular pipe (see Fig. 2). Finally, an angular
velocity is applied to the rotating walls as indicated in Fig. 3.

The energy equation is solved for the whole domain, in-
cluding solids and fluid. Because of the high viscosity of the
oil, the viscous dissipation is considered in the energy equa-
tion. The fluid entering the seal has a uniform temperature of
35 ◦C. Since it is not possible nor reasonable to solve the lubri-
cation equations in the rotor stator contact, the heat produced
in the sealing interface has been modeled by a heat source. To
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(a)

(b)

(c)

Fig. 4. Streamlines (left) and swirl velocity contour (right) for (a) Re = 1361, (b) Re = 2042, (c) Re = 3403 and Cw = 10.1.
this end a thin solid layer has been putted between the rotating
ring and the stationary disk as can be seen in Fig. 3, a uni-
form volumetric heat source being applied in this element. To
obtain a reliable heat partition between the solids, the source
element is very thin (0.2 mm) and has a high thermal conduc-
tivity (1500 W m−1 ◦C−1). The power P introduced in the heat
source that is a function of the angular velocity ω is fitted from
experimental data in order to simulate realistic cases:

P(ω) = −0.00118ω2 + 0.5966ω − 9.872

with 60 < ω < 160 rad s−1 (7)

But it is important to note that the value of the dissipated power
has no impact on the results presented here because the increase
in temperature from the inlet value and the parietal heat fluxes
are proportional to the volumetric heat source value.

In this work, the heat transferred to the ambient air has been
neglected in order to obtain a simpler numerical model. In-
deed, the air flow that is turbulent needs a large amount of
nodes to be accurately estimated. However, by using the Beck-
er’s correlation [11] to calculate the forced heat convection
coefficient around the rotating ring, values ranging from 20
to 35 W m−2 ◦C−1 for the air at 20 ◦C and atmospheric pres-
sure are found depending on the rotation speed. These values
are at least 10 times to 100 times lower than the one calcu-
lated for the oil wetted surfaces varying from 380 to about
2000 W m−2 ◦C−1. The natural convection on the upper surface
of the disk is assumed to be even lower. Moreover, a previous
work showed that the amount of heat transferred to the air is
about two orders of magnitude smaller than the amount of heat
transported by the oil flow [4]. This assumption is therefore
reasonable. In addition, considering the temperature magnitude
(lower than 80 ◦C), the heat transferred by radiation with the
environment is neglected. The outer boundaries of the domain
are thus adiabatic walls.

As indicated in the previous section, the thermal boundary
layer is expected to be very thin because of the great value of the
Prandtl number of the oil (see Eq. (5)). Consequently it has been
necessary to roughly refine the mesh near the walls as can be
seen in Fig. 3. There are at least 6 nodes in the thermal boundary
layer for the most severe conditions and about 10 nodes or more
in other simulations.

4. Flow analysis

The oil flow in the seal chamber can be compared to the flow
between a static disc and rotating disc bounded by a co-rotating
sidewall. It was numerically and experimentally studied by Di-
jkstra and Heijst [21] in 1983, albeit with a gap ratio G = 0.07.
Lopez [22] carried out a more extensive numerical analysis in
1996 considering a gap ratio of 1.

4.1. Effect of Re

Fig. 4 shows the streamlines and the dimensionless swirl ve-
locity contour for three different values of Reynolds number.
The swirl velocity is defined in this way:

V = v

ωr
(8)

As can be seen on the streamline plots, oil recirculation from the
rotating part to the stationary part appears due to the centrifugal
effect. The centre of the cell is located near the contact area
(i.e. the upper edge of the rotating ring) as shown by Lopez. An
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Fig. 5. Dimensionless radial velocity versus the dimensionless distance from
the upper wall at r/R = 0.81 and Cw = 10.1.

increase in the Reynolds number leads to a displacement of the
cell in the direction of the static disc and to the development of
a secondary cell in the vicinity of the lower wall.

In the outer region, where the vertical distance between the
walls is higher, two distinct boundary layers can be observed.
They are separated by a core region where the fluid exhibits a
quite uniform swirl velocity in the axial direction. Moreover,
the thickness of the boundary layers is a decreasing function of
the Reynolds number. In the inner region where the stationary
and rotating walls are closer, no core region develops at all for
the Reynolds number considered in the present study.

The dimensionless radial velocity at r/R = 0.81 is shown
in Fig. 5 as a function of the dimensionless distance from the
static disc, the figure referring to the three Reynolds number
values considered in the previous graph. The dimensionless ra-
dial velocity is:

U = u

ωr
(9)

Following Lopez, the distance has been re-scaled according to
the square root of the Reynolds number, leading to perfect su-
perposition of the velocity profiles. This figure shows that the
thickness of the boundary layer is inversely proportional to the
square root of the Reynolds number. Since the velocity mag-
nitude is controlled by the angular velocity, the radial flow rate
along the stator is only due to the centrifugal effect and not gen-
erated by the oil cooling flow. Considering the area of negative
velocity in Fig. 5, the value of the mass flow naturally induced
by the centrifugal effect can be estimated:

ṁc ≈ 0.97πHρ
ωR2

√
Re

(10)

Similarly as for the cooling flow, it is possible to define a di-
mensionless mass flow rate:
Cwc = ṁc

μR
= 0.97πG

√
Re (11)

4.2. Effect of Cw

Fig. 6 shows the streamlines and the dimensionless swirl ve-
locity contour for three different values of the dimensionless
mass flow and Re = 2042. It can be seen that, for those values
of the dimensionless mass flow considered, only the flow in the
inner region, where the stator and rotor are closest, is affected.
More particularly, an increase in Cw leads to the development
of a recirculation cell in the inner zone. For the higher value of
the mass flow rate, a substantial part of the inlet cooling flow is
driven to the outlet without flowing through the outer zone and
thus does not participate in the cooling of the seal rings. The
ratio of the imposed flow rate Cw to the natural flow rate Cwc,
calculated from Eq. (11), is 1.66 in this case and remains lower
than one in the two other cases. It shows that, as a consequence
of the centrifugal effect, an imposed flow rate higher than the
centrifugally induced flow rate is ineffective in improving oil
circulation. Luan and Khonsari arrived at similar conclusions
in their study of an outer-pressurized mechanical face seal [17].

No noticeable difference can be observed in the flow in the
outer area. Indeed, if the dimensionless radial velocity at r/R =
0.81 is presented as a function of the dimensionless distance
from the static disc (re-scaled according to the square root of the
Reynolds number, as shown in Fig. 7), the imposed mass flow
does not modify the superposed velocity profiles. However, it is
noted that an increase in Cw can slightly reduce the mass flow
rate in the stator boundary layer.

5. Heat transfer analysis

As suggested by Owen and Rogers [18], we are interested
by the increase in temperature from the inlet cooling flow tem-
perature. Thus all the results are in given in terms of difference
between the local temperature and the inlet oil temperature that
is used as a temperature reference. An example of temperature
distribution in the oil and the solids is presented in Fig. 8. As
anticipated, the temperature is maximal in the contact area be-
tween the static disc and the rotating ring, this being a heat
source. The temperature in the solids decreases progressively as
the distance from the heat source rises. The temperature in the
oil appears to be uniform. Only a very thin thermal boundary
layer can be observed in the vicinity of the walls. The thick-
ness of the boundary layer is not surprising because, according
to Eq. (5), it should about 25 times thinner than the momentum
boundary layer.

The temperature profile near the stator at r/R = 0.81 is pre-
sented in Fig. 9 for different values of Reynolds number. In
agreement with Eq. (5), the thermal boundary layer is similar
to the momentum boundary layer and can thus be re-scaled by
the square root of the Reynolds number. However, if Figs. 5 and
9 are compared, the ratio of the boundary layer thicknesses is
found to be 8. This is less than the value 25 calculated from
Eq. (5).
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(a)

(b)

(c)

Fig. 6. Streamlines (left) and swirl velocity contour (right) for (a) Cw = 2.53, (b) Cw = 10.1, (c) Cw = 80.9 and Re = 2042.
Fig. 7. Dimensionless radial velocity versus the dimensionless distance from
the upper wall at r/R = 0.81 and Re = 2042.

5.1. Local Nusselt number

The distribution of the local Nusselt number along the wet-
ted surface will be first analyzed. The Nusselt number for the
rotating ring is:

Nu = qR
(12)
�T k
Fig. 8. Temperature distribution in the oil and the solids (Re = 2042, Cw =
10.1, Pr = 667, k/ks = 9.7 and k/kr = 15).

where q is the parietal heat flux that can be obtained according
to the temperature gradient in the rotor:

q = kr
∂T

(r = R) (13)

∂r
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Fig. 9. Temperature increase versus the dimensionless distance from the upper
wall at r/R = 0.81 and Cw = 10.1, Pr = 667, k/ks = 9.7 and k/kr = 15.

This term can be easily obtained in the case of CFD simulations.
The distribution of the local Nusselt number along the rotat-
ing ring is presented in Fig. 10(a) for three different Reynolds
number values, the other parameters being unchanged. All the
curves presented in Fig. 10(a) have a similar shape. A peak is
observed in the bottom of the ring (i.e. close to Z-coordinate 1).
This is due to the interaction with the boundary layer generated
by the centrifugal force on the rotating disk. After this peak, the
local Nusselt increases again, though more gradually. It then
rises sharply and decreases abruptly in the vicinity of the con-
tact (i.e. at Z-coordinate 0). The increase in Nusselt number
is the result of the increase in surface temperature as the dis-
tance from the heat source decreases. The sharp reduction near
the edge of the rotor is due to the corner between the surfaces
leading to an increase in the distance from the streamlines to
the surfaces, as can be seen in Figs. 4 and 6. As expected, an
increase in Reynolds number leads to a reduction of the ther-
mal boundary layer and thus to a better cooling of the surface.
Since, the thermal boundary layer is inversely proportional to
the square root of the Reynolds number, it is convenient to re-
scaled the Nusselt number in this way. Moreover, to underline
the effect of the interaction with the boundary layers on the sta-
tionary upper surface, it is interesting, as suggested by Lopez
[22], to multiply the x-axis of Fig. 10(a) by the square-root of
the Reynolds number. This is done in Fig. 10(b). This figure
shows that the magnitude and the width of the left hand side
peak in Nusselt number distribution is controlled by the square
root of Re. The same work has been done for the lower wall in
Fig. 10(c) and the conclusions are identical.

The Nusselt number for the stationary disk is defined by us-
ing the local radius r :

Nu = qr
(14)
�T k
(a)

(b)

Fig. 10. Local Nusselt number distribution along the rotating ring obtained with
Cw = 10.1, Pr = 667, k/ks = 9.7 and k/kr = 15: (a) Nusselt number versus the
axial coordinate, (b) re-scaled Nusselt number in upper coordinate, (c) re-scaled
Nusselt number in lower coordinate.

The parietal flux q can be computed from the temperature dis-
tribution in the stator:

q = ks
∂T

∂z
(z = H) (15)

The results for the static disc are presented in Fig. 11(a). The
three curves also have a similar shape, an increase in Reynolds
number providing a more efficient heat transfer. As for the ro-



N. Brunetière, B. Modolo / International Journal of Thermal Sciences 48 (2009) 781–794 789
(c)

Fig. 10. (Continued.)

tating ring, the Nusselt number is close to zero in the vicinity
of the contact and then increases sharply. After that, the Nusselt
number decreases gradually to zero along the disc radius. These
changes can be attributed to the decrease in the surface temper-
ature and to the increase in distance from the streamlines to the
disc surfaces, as shown in Figs. 4 and 6. The position of the peak
observed near the contact can be related to the boundary layer
thickness developed on the rotating ring, this being a decreas-
ing function of the Reynolds number. To analyze this effect,
the Nusselt number has been re-scaled according to the local
Reynolds number Rer and presented in Fig. 11(b) as a function
of a modified coordinate as done for the rotor. The peaks located
at the outer radius have a quite close width but a slight differ-
ence in magnitude. It is important to note the thickness of the
boundary layer developed on the rotating ring is largely greater
than those located on the disks, as can be seen on Fig. 4. The
interaction with the Nusselt number distribution on the stator is
thus not so clear as for the rotor.

Fig. 12 presents the evolution of the Nusselt number on the
rotating ring and on the stationary disk for three different val-
ues of the dimensionless mass flow Cw. It has been previously
shown that this number does not affect the flow in outer region
of the seal chamber (Figs. 6 and 7). As a consequence, Cw has
an almost insignificant effect on the Nusselt number distribu-
tions on the two surfaces.

The thermal parameters that is to say the Prandtl number
and the conductivity ratios appear to not modify the shape of
the local Nusselt curves but only their magnitude. The Nusselt
distributions are thus only controlled by the flow structure and
essentially by the Reynolds number. The influence of thermal
parameters is not presented in this section but analyzed in the
following paragraph.
(a)

(b)

Fig. 11. Local Nusselt number distribution along the stationary disk obtained
with Cw = 10.1, Pr = 667, k/ks = 9.7 and k/kr = 15: (a) Nusselt number
versus the radial coordinate, (b) re-scaled Nusselt number in outer coordi-
nate.

5.2. Global Nusselt number

The heat globally transferred from the seal elements to the
oil is evaluated by means of an averaged Nusselt number, that
is of interest in mechanical seals. The objective of this section
is to propose a correlation between this number and the other
dimensionless parameters. It is defined in the way proposed by
Owen and Rogers [18]:
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(a)

(b)

Fig. 12. Local Nusselt number distribution obtained with Re = 2042, Pr = 667,
k/ks = 9.7 and k/kr = 15: (a) along the rotating ring, (b) along the stationary
disk.

Nuav = qavR

�Tavk
(16)

where qav is the area-weighted average heat flux and �Tav is the
area-weighted average difference between the local temperature
and the inlet oil temperature:

qav = 1

S

∫
q dS
s

Fig. 13. Global Nusselt number versus the Prandtl number (Re = 2042, Cw =
10.1, k/ks = 9.7 and k/kr = 15).

�Tav = 1

S

∫
s

�T dS (17)

In Eq. (17), S is the surface of interest that is area of the stator
or the rotor in contact with oil.

The influence of the Prandtl number on the Nusselt number
is presented in Fig. 13. In the first place, it can be seen that heat
transfer is more efficient on the rotor where the oil has a lower
temperature than when flowing along the stator. As expected,
Nu is an increasing function of Pr. On the rotating ring, the
Nusselt number curve can be fitted in this way:

Nuav r ∼ Pr0.4259 (18)

The Nusselt number on the stator is also a power function of the
Prandtl number:

Nuav s ∼ Pr0.312 (19)

The value of the exponent is less than that for the rotor, the
Nusselt number thereby exhibiting a reduced dependence on
the Prandtl number. The exponent of both power laws is lower
than the theoretical value (0.5) given in Eq. (5). This difference
is probably due to the fact that the heat source is located in the
contact area, with heat transfer depending on the temperature
distribution in the solids as well as in the fluid flow. However,
if Eq. (19) is used to calculate the ratio of the thickness of the
momentum and thermal boundary layers on the stator, a value
of 7.6 is found (corresponding to Pr = 667). This is in excellent
agreement with the ratio of the thicknesses shown in Figs. 5
and 9.

Fig. 14 presents the change in the global Nusselt number on
the stator and the rotor as a function of the dimensionless mass
flow Cw. As previously shown, it has no effect on heat transfer.
However a slight decrease in Nusselt number can be observed
for the stator at high values of Cw. This is not surprising as
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Fig. 14. Global Nusselt number versus the dimensionless mass flow (Re =
2042, Pr = 667, k/ks = 9.7 and k/kr = 15).

Fig. 15. Nusselt number scaled by the Prandtl number (a = −0.4259 for the
rotor and a = −0.312 for the stator) versus the conductivity ratio (Re = 2042,
Cw = 10.1).

an increase in Cw can lead to a small reduction in the natural
cooling flow rate, as is shown in Fig. 7. Thus, the decision is
taken to neglect the effect of Cw in the Nusselt correlation.

The influence of the thermal conductivity ratio (Eq. (6)) on
the Nusselt number is shown in Fig. 15. To perform this analysis
the conductivity of the solids is varied along with the fluid con-
ductivity, thereby leading to a variation in the Prandtl number.
To prevent this effect, the Nusselt number was scaled according
to the power law (18) for the rotor and (19) for the stator. The
Fig. 16. Nusselt number scaled by the Prandtl number and the conductivity ratio
versus the Reynolds number.

resulting graph is interesting because it shows the influence of
a parameter that generally has no effect on the Nusselt number.
Indeed, in many works [8–11] the solids constitute a uniform
heat source, their conductivity having no effect. In the present
case, the distribution of heat transferred from the solids to the
fluid depends on the conductivity of the solids because of the
localized heat source. Another interesting point is the contrast-
ing behaviour of the Nusselt number of the stator and of the
rotor: the Nusselt number is an increasing function of the con-
ductivity ratio for the rotor whereas it is a decreasing function
in the case of the static wall. This difference can be explained in
terms of the oil flowing along the rotor from the coldest point
to the hottest point located near the contact, whereas the flow
direction runs counter to the temperature distribution along the
stator. The Nusselt curves can be fitted in this way:

Nuav r × Pr−0.4259 ∼
(

k

kr

)0.2251

(20)

Nuav s × Pr−0.312 ∼
(

k

ks

)−0.1225

(21)

Finally, the Nusselt numbers on both surfaces are presented as
a function of the Reynolds number in Fig. 16. To take account
of all simulations performed with various Prandtl numbers and
conductivity ratios, the Nusselt number has been scaled using
Eqs. (18)–(21). The Nusselt number obviously increases as a
function of the Reynolds number. The final correlations for the
Nusselt numbers are:

Nuav r = 0.8706 × Re0.4619Pr0.4259 ×
(

k

kr

)0.2251

(22)

Nuav s = 0.157 × Re0.5314 × Pr0.312 ×
(

k
)−0.1225

(23)

ks
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Fig. 17. Experimental set up.

As discussed in the previous section dealing with local Nusselt
number, the exponent of the Reynolds number is close to 0.5
for the two Eqs. (22) and (23). This is not surprising because
we previously showed that the thermal boundary layer is scaled
according to the square root of the Reynolds number (Fig. 9).
While studying an experimental unshrouded rotor – stator sys-
tem operating in a laminar flow regime, Boutarfa and Harmand
[23] found that when the gap ratio is higher than 0.02, the Nus-
selt number on the rotating disk is a function of the square root
of the Reynolds number. This is in quite good agreement with
the present work.

6. Comparison with experiments

This section deals with the comparison between numerical
results and experiments. The experimental set-up is described
in Fig. 17. An infra red camera placed above the mechanical
face seal allows the temperature distribution to be determined
on the face of the rotor through the static fluorspar disc and the
lubricating film. Moreover, the temperature on the outer surface
of the carbon ring is measured by means of a mirror placed as
illustrated in Fig. 17. The radiometric equations that have to be
solved in order to obtain the carbon ring temperature are pre-
sented in [24]. The presence of two dioptres, as a consequence
of the semi-transparent media (oil and fluorspar), leads to a de-
gree of complexity in the radiometric equation for the upper
surface temperature.
Fig. 18. Comparison of temperature profiles on the rotor (Cw ≈ 1.6 and Pr ≈
750).

The power dissipated in the contact is measured by an elec-
tric technique. The power consumed by the electrical motor
driving the shaft is measured without the seal. The power dis-
sipated in the contact is thus given by the difference between
the electrical power consumed with and without the seal. This
method regrettably exhibits a level of uncertainty that can be
in excess of 10%. In terms of temperature measurements, this
uncertainty represents about 2 ◦C.

Because of the experimental technique, the comparison be-
tween numerical results and measurements can only be carried
out on the rotating ring.

6.1. Comparison of temperature profiles on the rotor

Fig. 18 presents temperature distributions along the rotor ob-
tained numerically and experimentally. The top surface of the
rotor is described by negative values of the co-ordinate, whereas
positive values correspond to points located on the outer sur-
face of the ring as shown in Fig. 18. The maximal values of
the temperature predictably occur on the contacting face. The
temperature on the surrounding surface decreases progressively
from the contact temperature to a smaller value at the end sur-
face of the ring. It can be seen that experimental distributions
on the outer surface of the rotor decrease when approaching the
contact surface in the few millimetres near this surface. There is
consequently a temperature discontinuity at the edge of the ring,
indicating a measurement discrepancy. This problem is due to
oil leakage leading to the formation of an oil meniscus between
the upper part of the rotor and the end radius of the static disc.
This is the source of the temperature underestimation.

In order to make comparisons, the measured dissipated
power has been introduced in the numerical model before com-
puting temperatures (values are given in Fig. 18). For the lower
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value of the Reynolds number, a good agreement between nu-
merical and experimental results is observed. In the second
case, the simulation provides a temperature distribution higher
than the measured one. This difference can be explained by the
degree of uncertainty in the measurement of dissipated power.

Another curve has been added to the graph. Indeed, we ob-
served that if the erroneous points are eliminated, the exper-
imental temperature profiles on the outer surface can be accu-
rately fitted using a second order polynomial function, as shown
in Fig. 18.

6.2. Comparison of Nusselt numbers on the rotor

To estimate the global Nusselt number on the rotor, it is nec-
essary to perform several calculations in order to obtain the heat
flux and the temperature at the inner radius of the ring. To this
end, the conductivity equation in the rotor has to be solved:

1

r

∂T

∂r
+ ∂2T

∂r2
+ ∂2T

∂z2
= 0 (24)

The outer surface of the ring is assumed to be adiabatic:

∂T

∂r
= 0 at r = Ro (25)

Moreover, we previously indicated that the temperature on the
outer surface could be accurately fitted using a polynomial
function of the second order:

T (z) = a × z2 + b × z + c at r = Ro (26)

A particular solution of this set of equations is:

T (r, z) = aR2
o

[
ln

(
r

Ro

)
+ 0.5

(
1 − r2

R2
o

)]

+ az2 + bz + c (27)

The average parietal heat flux at the inner radius of the rotor is:

qav = 1

H

H∫
0

kr
∂T

∂r
(R, z)dz = kraR2

o

(
1

R
− R

R2
o

)
(28)

The average temperature is:

Tav = 1

H

H∫
0

T (R, z)dz

= aR2
o

[
ln

(
R

Ro

)
+ 0.5

(
1 − R2

R2
o

)]

+ aH 2

3
+ bH

2
+ c (29)

Thus, knowing the coefficients of the fitted curve (26) and the
oil inlet temperature, we can easily obtain the global Nusselt
number (Eq. (16)) from the average heat flux (28) and tem-
perature (29). The experimental values of the Nusselt number
at different values of the dimensionless flow rate are presented
in Fig. 19 as a function of the Reynolds number. Because of
inlet oil temperature accompanied by viscosity variation from
Fig. 19. Comparison of Nusselt numbers on the rotor.

one test to the other, the effect of the Prandtl number was nul-
lified using Eq. (18). The experimental results are compared
to the numerical correlation given in Eq. (22). A reasonable
agreement between simulations and experiments is achieved,
the average difference being close to about 15% of the theoret-
ical value. The comparison shows that the dimensionless flow
rate has only a small effect on the Nusselt number when com-
pared to the Reynolds number influence. The dependence of
the heat transfer on the Reynolds number is experimentally val-
idated.

7. Conclusion

The temperature of the faces is a key parameter in a mechan-
ical seal. Its value is greatly dependent on heat transfer with the
surrounding sealed fluid, this being able to be characterized by
a Nusselt number. No correlations can be found in the literature.
To this end, a numerical study based on CFD was developed on
an inner-pressurized mechanical face seal. The sealed fluid is a
highly viscous mineral oil resulting in a laminar flow regime.
The configuration is similar to the flow between a static disc
and rotating disc bounded by a co-rotating sidewall. The mo-
mentum boundary layer thickness is inversely proportional to
the square root of the Reynolds number. It has been shown that
a cooling flow rate higher than the one naturally induced by the
centrifugal effect is not favourable, part of the oil being driven
directly to the outlet.

A number of simulations allow us to propose a correlation
for the global Nusselt number on the rotating ring and the static
disc. The Nusselt number is approximately proportional to the
square root of the Reynolds number, but exhibits a lower de-
pendence on the Prandtl number. The cooling flow has only a
weak effect on heat transfer. Moreover, because the heat source
is located in the contact, the Nusselt number is also a func-
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tion of the ratio of the fluid and material thermal conductivities.
The relation (an increasing or decreasing function) depends on
the direction of the flow and the temperature distribution in the
solids. A higher conductivity is favourable if the oil flows from
the hottest to the coldest points of the solids and unfavourable
if vice versa. This is an interesting conclusion since mechan-
ical face seals are generally composed of a ring made from a
material such as silicon carbide, an excellent thermal conduc-
tor, plus a carbon ring whose thermal conductivity is about ten
times lower. The result of the current work would suggest ori-
enting the flow from the carbon to the silicon carbide ring. As
previously observed in mechanical face seals, the local Nusselt
number can vary significantly along the seal elements.

The theoretical correlation was validated through a compar-
ison with experimental findings. The temperature distribution
on the experimental cell was determined by infrared thermogra-
phy and reasonable agreement was obtained for the temperature
profiles.
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